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Liquid jet-away cooling modules had been designed for operation at very high heat 
jlaxes and were used to remove fluxes as high as 17 MW/m2. Experimental results, 
numerical studies, and thermal stress analyses are reported. Modules having actively 
cooled areas of 10 cm2 were developed. Cooling is provided by an away of small-diam- 
eter water jets operating at speeds of 47 m/s. These jets impinge on the rear side of a 2- 
to 4-mm-thick metallic faceplate from which the heat load is absorbed. Cooling is 
entirely convective without boiling. The behavior of cooling jet arrays is summarized, 
including numerical simulations for our specific cases. Finite-element studies of the 
stresses in candidate faceplate materials are described for typical thermal and mechani- 
cal conditions. A thin -film high-flax resistance heater provides the heat load for testing 
module prototypes. The thermal resistances of the system are quantified experimentally 
and incorporated in our numerical model. The dominant thermal resistance is associ- 
ated with the heating element. The modules are believed to be serviceable to fluxes 
above 20 MW/m2, although dificulties with the heating element prevented this level 
from being reached. 

Introduction 
High heat flux systems may generally be separated into one 

of two categories: those requiring a moderately high heat flux 
over a large area, and those involving a hot spot with ex- 
tremely large flux over a small area. Few designs are capable 
of removing an extremely large flux over a large area. Quan- 
titatively, small areas may be regarded as those of a few square 
millimeters and extremely high fluxes may be regarded as 
those above 10 MW/m2. While the precise demarcations are 
somewhat arbitrary, there is clearly a need for systems that 
support fluxes in the range of 10 MW/m2 or more over areas 
of several square centimeters or more. 

In this article, we report on efforts to support heat fluxes 
in the range of 10 MW/m2 over areas of 10 cm2. We have 
designed cooling modules that use an array of impinging liq- 
uid jets to convectively cool the rear of a faceplate, whose 
forward surface is subject to an imposed heat load. The source 
of this load is arbitray, but potential applications include 
plasmas and optical beams that interact with the front sur- 
face of the faceplate. With minor alterations in the design, 

the faceplate itself could be the source of the heat load, as 
might occur if it were a microwave component or a semicon- 
ductor-laser array. 

Impinging liquid jets have been demonstrated to be an ef- 
fective means of establishing high heat-transfer rates in in- 
dustrial transport processes (Sun et al., 1993; Viskanta, 1993; 
Ma and Bergles, 1988). A turbulent jet impinging orthogo- 
nally onto a plane surface produces, in the vicinity of the 
stagnation point, some of the highest heat-transfer coeffi- 
cients encountered in single-phase convection (Cooper et al., 
1993; Craft et al., 1993). This performance is due to the thin 
hydrodynamic and thermal boundary layers formed in this re- 
gion by the jet deceleration. 

The stagnation pressure of a high-speed liquid jet signifi- 
cantly raises the saturation temperature and can enable high 
wall temperatures and correspondingly high heat fluxes to ex- 
ist in the stagnation zone (Liu and Lienhard, 1993). Both the 
pressure and the heat-transfer coefficient drop rapidly as the 
distance from the stagnation point increases. Consequently, 

AIChE Journal April 1998 Vol. 44, No. 4 769 



individual jets are unsuitable for high-flux cooling of areas 
significantly larger than the cross-sectional area of the jet. 
Our approach is to place an array of jets on a tightly spaced 
hexagonal platform (3 to 4 jet diameters center to center) so 
as to limit the area cooled by each jet to diameters of only 3 
to 4 times the jet diameter. Such arrays can largely compen- 
sate for the radial decrease in the heat-transfer coefficient 
(Pan and Webb, 1995), and can slightly compensate for the 
declining pressure. This arrangement will not sustain fluxes 
as high as may be reached within the stagnation zone of a 
single jet, but should support fluxes within our range of inter- 
est. 

The other significant barrier to high flux cooling over large 
surfaces is the mechanical failure of the heat-transfer surface 
-in this case, the module’s faceplate. These surfaces must 
have a thickness of a few millimeters at most in order to limit 
heat conduction resistance, yet they must withstand tempera- 
ture differences of several hundred degrees Celsius across 
their thickness. Consequently, thermal stresses are large while 
the hot spot surface is at a temperature that may soften the 
faceplate material. Moreover, pressure loads from the cool- 
ing system can be significant. The heat-transfer surface must 
be designed to survive these conditions, which requires care- 
ful consideration of the stresses in surface and identification 
of materials with appropriate thermal and elastic properties. 

For testing purposes, we have also needed to devise an 
appropriate electrical resistance heater, producing fluxes up 
to 40 MW/m2. The heater must mate with the faceplate with- 
out introducing a large thermal resistance or undesired me- 
chanical loads. We have used thermally-sprayed metal films 
for this purpose. 

Numerous numerical investigations of impinging axial and 
radial jets were performed by Owsenek et al. (1997) and 
Meyer (1994). These studies, however, are based on a single 
jet impinging orthogonally onto a large plane surface, with 
much lower Reynolds numbers (a maximum of 70,000). 
Cooper et al. (1993) also investigated numerous turbulence 
models using various Reynolds numbers (23,000 and 70,000) 
and nozzle-to-diameter ratios. Our study is based on higher 
Reynolds numbers (up to 200,000) and multiple jets in a con- 
fined module that generate secondary stagnation zones when 
adjacent jets collide and exit along the symmetry line. We 
performed new numerical calculations is to evaluate the pres- 
sure and velocity distributions in the liquid and, in particular, 
to examine the effect of the nozzle position on the heat- 
transfer coefficient. 

Cooling by Impinging Jets 
Past work with free surface circular liquid jets (Liu and 

Lienhard, 1993) has shown that jets operating in the range of 
100 m/s can carry fluxes as high as 400 MW/m2. High veloc- 
ity liquid jets produce thin boundary layers on the impinge- 
ment surface and as a result very high heat-transfer coeffi- 
cients can be attained. Extrapolation of existing correlations 
(Lienhard, 1995) into our range of Reynolds number (up to 
200,000) predicts heat-transfer coefficients on the order of 
200,000 W/m2.K. These results have made the use of imping- 
ing liquid jets attractive in our application, provided we can 
suppress boiling burnout and provided the faceplate survives 
the mechanical and thermal stresses. If sufficient liquid pres- 

sure can be maintained, boiling can be avoided and critical 
heat flux limitations (Katto and Shimizu, 1979) to heat-trans- 
fer rates will not be an obstacle. For the pressure used in this 
study, boiling is not expected until fluxes in excess of 20 MW/ 
m2. 

Free surface jets 
Previous work on single free surface jets has shown the 

stagnation zone of an impingement jet to be in the range 
0 < r/d < 0.8, where r is the radial distance along the wall 
from the stagnation point and d is the jet diameter (Liu et 
al., 1991). It has been experimentally verified that this region 
is of a nearly constant Nusselt number. Beyond the stagna- 
tion zone, the heat-transfer coefficient drops rapidly with ra- 
dius as a result of growth of the boundary layer and the flow’s 
deceleration along the wall. Consequently, the heat-transfer 
coefficient drops by about 50% from the stagnation zone value 
at a radius of 4d to 6d. Pressure also drops with distance 
from the stagnation point in a Gaussian manner. Liu et al. 
(1993) analytically obtained pressure distributions of laminar 
liquid jets including surface tension effects. For an infinite 
Weber number, the pressure drops to 70% of its stagnation 
point value at r/d = 0.75. The stagnation point pressure is 
equal to 

for u, the jet speed and p the liquid density. Thus, a 50 m/s 
water jet has a stagnation point pressure of 1.34 MPa (193 
psia), which drops to 400 kPa (58 psia) at r/d = 0.7 and to the 
ambient pressure beyond r/d = 1. 

Submerged jets 
In the present system, the jets are enclosed in a manifold 

that contains no air and are therefore submerged. Sub- 
merged jets have a significantly different behavior from free 
surface jets for outside the stagnation zone. However, if the 
target is kept within the potential core of the jet (nozzles 
within a few jet diameters of the faceplate), the stagnation 
zones of both types of jet are identical (Lienhard, 1995). This 
is due to the fact that at such a spacing the core of the jet has 
not begun to mix with the surrounding fluid. 

In submerged water jets, it has been observed that stagna- 
tion Nusselt numbers increase to a maximum (Sun et al., 1993) 
at z/d = 5 to 6. This has been attributed to an increase in 
turbulence levels with increasing nozzle- to- plate separations 
owing to the increased mixing of the jet with its surroundings. 
Beyond z/d = 5,  the Nusselt numbers drop monotonically 
from their peak. The increased mixing comes at the expense 
of a decreased mean speed of the jet. Larger standoff dis- 
tances allow more drag by surrounding liquid on the jet, while 
smaller distances allow for higher fluid momentum on the 
impinging wall and keep the downstream wall boundary lay- 
ers thinner. Nozzle-to-target spacing tighter than z/d = 1 
raises the flow resistance and the required supply pressure 
without producing a significant improvement in h; for thick 
walled tubes, in particular, a tight spacing can lower the stag- 
nation zone h. 
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Because of similarity in stagnation zones, it is reasonable 
to assume that the pressure distributions and Nusselt num- 
bers will be similar to those of free surface jets in the stagna- 
tion region when z/d is not large. Sun et al. have performed 
experiments to analyze the stagnation Nusselt number range 
5,000 < Re < 36,000. Their stagnation zone Nusselt numbers 
generally agree very well with Steven and Webb's (1991) data 
for free surface jets. 

Jet arrays 
The reduced cooling performance outside the stagnation 

zone of a single jet poses a problem in high heat flux systems, 
since pressures and heat-transfer coefficients drop rapidly. To 
eliminate some of the shortcomings of jets in cooling at large 
distances from the stagnation point, our cooling modules use 
an array of closely spaced jets, The faceplate is effectively 
divided into sub-regions associated with each individual jet, 
within which the heat-transfer coefficient remains closer to 
the stagnation zone value. Fewer data are available for arrays 
of liquid jets, particularly at high Re,. The hydrodynamics 
between the various jets differ considerably from the condi- 
tions for single jet cooling. In particular, the liquid from adja- 
cent jets collides along the lines of symmetry between noz- 
zles. creating secondary stagnation zones on the wall; for ex- 
ample, the secondary stagnation zone will form a hexagon 
surrounding the central jet in our array. Within these sec- 
ondary stagnation zones, momentum conservation requires 
the pressure to rise significantly above the ambient pressure 
as the liquid turns 90" and moves normally away from the 
wall; in addition, h has also been observed to rise in experi- 
mental studies. 

The specific variations of h with radial distance from the 
stagnation point depend on the Reynolds number, nozzle-to- 
nozzle spacing, and array platform; however, existing data 
(Pan and Webb, 1995) for similar configurations at lower 
Reynolds numbers than ours show a minimum h of about 
75% of the stagnation value at a radius of about d and a 
secondary peak of about 90% of the stagnation value in the 
secondary stagnation zone (radius of 1.8 d for our array spac- 
ing). Our Reynolds numbers are ten times higher than the 
upper limit of Pan and Webb's experiments; nonetheless, the 
result provides some guidance as to what fraction of the stag- 
nation point the heat-transfer coefficient will be achieved as 
an average beneath the jet array. 

Liquid pressures will be maximum in the stagnation zone, 
will drop to a minimum at larger radii, and will rise slightly at 
the secondary stagnation zone. The minimum pressure region 
is the most likely location for boiling to begin. We apply a 
back pressure to the module to keep the saturation tempera- 
ture in this region high. 

Experimental Apparatus 
Cooling module 

The cooling modules are integral heat-sinking units that 
can be incorporated into an end-user's system for the re- 
moval of large fluxes. As shown in Figures 1 and 2, these 
modules are comprised of a flat plate that absorbs the princi- 
pal heat load, an underlying array of pressurized high veloc- 
ity liquid jets, and a liquid manifolding arrangement. The liq- 
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Figure 1. Cooling module configuration. 

uid can be either water or another suitable fluid, depending 
on specific application requirements. 

A hexagonal array of 14 water jets was designed for opera- 
tion of heat fluxes of up to 40 MW/m2 with jet velocities of 
up to 52 m/s (Lienhard et al., 1996). The lower manifold is at 
a higher-pressure than the upper manifold and is tapered to 
limit streamwise variations in dynamic pressure. The liquid is 
driven into the tube nozzles from the higher-pressure mani- 
fold to the lower-pressure manifold. Bleeder valves allow air 
to be purged from both manifolds. The nozzles have an inner 

LOU PRESSURE 
OUTLET 

Figure 2. Module cross-section illustrating the flow 
path. 
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diameter d = 2.78 mm and are spaced 10 mm center to cen- 
ter. The nozzles have an outer diameter of 6.35 mm and are 
5.0 cm in length. The nozzle inlets are contoured to reduce 
head loss. The liquid experiences a pressure drop across the 
nozzles and a rise in velocity uj  related by 

which is obtained from direct measurements and is in good 
agreement with an analytical pressure drop calculation. Thus, 
by controlling APnozzles using the valve at the test section out- 
let, the flow rate through the nozzles can be varied. The liq- 
uid impinges onto the faceplate. The Reynolds numbers Re, 
=(u,d)/v are in the range of 100,000 to 200,000 depending 
on the jet speed and the property reference state at which 
the kinematic viscosity u is evaluated. 

In all experiments reported here, the upper manifold was 
set to a backpressure of 580 kPa, corresponding to a satura- 
tion temperature of 157°C and a jet velocity of 46.5 m/s at 
the nozzle outlets. The nozzle outlets are located 5.6 mm be- 
low the faceplate (z/d = 2). 

The faceplates (5.1 by 6.6 cm) are made from either a dis- 
persed-strengthened copper alloy ((215715) or a molybdenum 
alloy TZM. The faceplate sits in a groove machined into the 
upper manifold, with a silicone O-ring beneath it and a 
clamping frame above it to secure it to the upper manifold. 
This clamp is designed to allow lateral expansion that re- 
lieves thermal membrane stresses. Alloy C15715 contains 
0.3% aluminum oxide and has a thermal conductivity of ap- 
proximately 365 M/m - K at 20°C. The TZM alloy is a powder 
metal product and contains 0.5% Ti and 0.08% Zr with a 
thermal conductivity of approximately 120 W/m - K at 20°C. 
Both alloys have been found to be excellent materials for high 
heat flux surfaces (Lienhard and Napolitano, 1998). Flow 
through the cooling module, with no heating, results in a slight 
temperature increase due to viscous dissipation. A first law 
balance for the cooling module yields the following relation- 
ship for the viscous temperature rise as a function of the 
cooling module pressure loss 

A P - Q  A P  
-- AT,,,, = - - m-cp pcp (3) 

This result is in good agreement with the average measured 
temperature rise of AT,,,, = 0.4"C without heating. With 
heating, the bulk temperature rise may reach 1.5"C. 

Flow loop components 
The flow loop is shown in Figure 3. The flow loop consists 

of a water reservoir, turbine flowmeter, pump, cooling mod- 
ule, valves, and pressure transducers. Water flows from a 
500-gal (1,900 L) capacity reservoir at low pressure through a 
2-in., (51-mm) pipe where the flow rate is recorded by 
a turbine flowmeter. The pipe diameter is then increased to 
2.5 in. (64-mm) to match the pump entrance. The pump is an 
eight stage centrifugal pump driven by a 30 hp motor, and is 
rated at 2 MPa (300 psi) and 6.31 L/s (100 gpm). After expe- 
riencing a pressure rise, the flow passes through 2.5-in. (64- 
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Figure 3. Flow loop. 

mm) stainless steel piping, which is subsequently reduced back 
to 2 in. (51-mm). After the pressure drop in the test section, 
the flow returns to a low pressure and is guided back to the 
water reservoir. The pressure at the test section outlet is reg- 
ulated with a 1.5-in. (38-mm) globe valve. 

The flow loop instrumentation includes a turbine flowme- 
ter (accurate to k 1%) with a digital rate meter and two di- 
aphragm pressure transducers (accurate to 0.1 %) with digi- 
tal process meters. High-current DC power was delivered by 
bus bars to drive the heating element on the faceplate of the 
cooling module. Type K thermocouples (resolution of 
-tO.l°C) are fitted into the pipes on either side of the mod- 
ule, downstream of the pressure transducers. 

Metal Film Resistance Heaters 
The electrical resistance heaters consist of a thermally- 

sprayed metal film atop a thermally-sprayed ceramic insulat- 
ing layer that is deposited onto the dry surface of the face- 
plate (see Figure 4). The heater/faceplate assembly consists 
of the metal faceplate (5.1 by 6.6 cm), an electrically insulat- 
ing ceramic film (5.1 by 6.6 cm), and a metallic thin-film heater 
(3.3 by 5.1 cm). The ceramic film lies between the faceplate 

Figure 4. Thin film heater and insulating ceramic layer 
on the faceplate. 
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and the heater film. The films are located on the dry side of 
the faceplate, rather than the liquid side, because in applica- 
tions heat flux will be applied to the dry surface of the cool- 
ing module. Details of the design of these heaters are given 
by Younis et al. (1997) and by Michels et al. (1998). 

Electrical bus bars sit on the long edges of the metal film. 
The bars are each 6.3 mm wide, so that the actively heated 
region of the metal film has dimensions of 2.0 by 5.1 cm. A 
kinematically balanced mounting was designed to press the 
bus bars against the edges of the heater film. This mecha- 
nism allows lateral motion of the bus bars to ensure an even 
distribution of force over the contact surfaces. The magni- 
tude of the contact area and uniformity of contact between 
the bus bars and the heater were verified using a pressure 
sensitive film. Electrical contact resistance at the joint be- 
tween the bus bars and the heater was minimized by coating 
the joint with silver paint and was verified to be negligible. 

Ideal materials for the thin film heaters are metals that 
combine a high melting point with high thermal conductivity 
and high electrical resistivity. The underlying electrically in- 
sulating layer should have a high thermal conductivity and 
should be only as thick as in necessary to provide adequate 
electrical isolation, so as to minimize its thermal resistance. 
The maximum attainable heat flux may be severely limited if 
the temperature rise across the thin films is too large, owing 
to the effects of temperature on material properties and large 
thermal expansion stresses. 

In thermal spraying, high velocity particles impinge on the 
surface of the substrate and form splats. Velocity, size, and 
temperature of the particles strongly affect the size, spread- 
ing, and cooling of these splats, which in turn affect the de- 
posit microstructure and material properties (Sampath and 
Herman, 1996). Different spray processes produce films of a 
different quality. In air plasma spraying (APS), significant 
porosity may be present in the deposited material. This leads 
to a much higher electrical resistivity and much lower ther- 
mal conductivity than for the bulk material. In vacuum plasma 
spraying (VPS), properties are close to those of the bulk ma- 
terial. In high-velocity oxygen fuel spraying (HVOF), proper- 
ties are better than APS, but not quite as good as VPS. We 
have tested films made by each technique. 

The films produced can vary in thickness by as much as 
& 25 pm. Consequently, film nonuniformities that localize the 
resistive heating and produce variations in temperature are 
quite significant for thinner films. These temperature varia- 
tions amounted to k70"C in a 76 pm thick APS molybde- 
num heater film, but only to & 15°C in a 254 p m  APS molyb- 
denum heater film, both at an average surface temperature 
of 300°C. Variations are substantially lower (at a given thick- 
ness) for VPS films. Details of these variations are given by 
Younis et al. (1997) and Michels et al. (1998). 

Table 1 summarizes some of the APS heater/faceplate 
configurations that were tested. Table 2 summarizes the VPS 
and HVOF configurations. 

Thermal and Mechanical Faceplate Stresses 
The stresses occurring in the faceplate are a function of 

temperature differences, heater geometry, liquid jet pressure 
loads, mechanical boundary loads at the faceplate edges, and 
material properties. An important parameter governing the 

Table 1. APS Heater/Faceplate Configurations Tested 

Set Heater Film Insulation Film Faceplate 
A Ni, 50 p m  MgO, 254 p m  C15715,3 mm 
B Ni, 152 p m  Al,O,, 254 p m  C15715,3 mm 
C Mo,254 p m  Al,O,, 203 p m  C15715,3 mm 
D Mo,254 p m  Al,O,, 203 p m  TZM, 3.2 mm 
E Mo, 76 p m  Al,O,, 203 p m  TZM, 2.3 mm 
F Mo, 127 p m  AL,O,, 203 p m  TZM, 2.3 mm 
G Mo, 178 pm Al,O,, 203 p m  TZM, 2.3 mm 

maximum faceplate temperature is its thickness. In order to 
minimize the temperatures, the optimal faceplate design 
would use the minimum thickness required to withstand the 
force of the impinging liquid jets. Finite-element modeling 
(FEM) using the COSMOS/M package (1995) has been uti- 
lized as a design tool for the stress analysis. 

Mechanical boundary conditions were used to simulate the 
pressure from the impinging liquid jets and the restraint at 
the edges of the plate. The pressure distribution resulting 
from the liquid jets has been modeled using a series of 
Gaussian surfaces given by 

The center of each surface (Xi, is located at the stagna- 
tion point of an individual jet. A stagnation pressure Pstag of 
1.24 MPa (180 psi), corresponding to a jet velocity of 50 m/s, 
was utilized. As the distance from the jet center increases, 
the pressure decreases. Due to the geometrical symmetry of 
the plate and the loading, a one-quarter plate model was uti- 
lized as a means to increase the number of FEM nodes per 
unit area of the plate. A total of nine jets were used in the 
one-quarter model. Only five jet centers lie directly within 
the quarter plate model. The remaining four are centered 
outside the quarter plate boundary. 

The edges of the faceplate were modeled as simply sup- 
ported; displacement normal to the face-plate was restricted 
at the edges while displacements in the plane of the plate 
were unrestricted. Rotational boundary conditions could not 
be applied, as the solid elements supported only 3 degrees of 
translational freedom. 

The temperature of the faceplate depends on the applied 
heat load, the convective cooling, the faceplate material, and 
thickness. These simulations do not include the thermal re- 
sistance of the heater films. The faceplate temperatures in- 
creased with increasing thickness and heat flux. Due to their 
superior thermal conductivity, DS copper ( k  - 350 W/m * K) 
faceplates remained cooler than TZM ( k  - 115 W/m-K) 

Table 2. Configurations Tested Using HVOF Insulators with 
VPS or HVOF Heater Films 

Set Heater Film Insulating Film Faceplate 
VPSflVOF A NiCr, 75 p m  AI,O,, 100 p m  C15715,3.2 mm 

B NiCr, 150 p m  C15715, 2.5 mm 
HVOF/HVOF C NiCr, 280 p m  Al 0 , 100 p m  C15715,4.0 mm 

D NiCr, 100 p m  
E NiCr, 125 p m  

3,, 
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& C15715 at 3.0 mm 
A C15715 at 4.0 mm 
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Figure 5. Maximum faceplate temperature as a function 
of the heat flux without heater films. 
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faceplates. At a heat flux of 2.5 MW/m2, a 2.5 mm DS cop- 
per faceplate exhibited temperature changes up to 33% lower 
than the equivalent TZM faceplate. Figure 5 shows the maxi- 
mum faceplate temperature, occurring on the heated surface 
at the plate center, as a function of the heat flux. 

Two distinct zones of high stress occurred on the faceplate. 
One was at the corner of the heater, while the other was at 
the center of the faceplate, both on the forward faceplate 
surface. These stresses are shown as a function of the heat 
flux and faceplate thickness of 2.5 mm in Figure 6. Table 3 
shows the heat flux for onset of yielding for several thick- 
nesses and both plate materials. Thermal stresses greatly ex- 
ceed pressure stresses at yielding. 

1 -+- Center stress 
-G- Corner stress 
. . . . .. . . . Center yield stress 

Comer yield stress - -  

i 

Experimental Results 
Power generation and heat flux 

Electric power was supplied by a DC motor-generator set 
rated 3,000 A at 24 VDC. The heating apparatus reached 
power levels of more than 17 kW with currents above 2,000 
A. The power generated was determined by measuring the 
current through and voltage drop across the thin-film heater. 
The voltage drop was measured using leads attached to the 
bus bars; the current was measured using a shunt. The uncer- 
tainties in both measurements are small. 

Table 3. Heat Flux at Yielding (MW’m’) as Determined by 
FEM Simulations. 

Materials 
Plate Thickness C15715 TZM 

2.5 mm 19 comer 23 comer 
3.0 mm 18 comer 21 center 
4.0 mm 17 center and corner 17 center 

*Location of yielding as indicated. 

Estimates of heat losses by radiation from the heater and 
conduction into the bus bars were made. As an upper bound, 
if the heated surface is assumed to behave as a black body, 
less than 0.3% of the total power generated is lost to the 
surrounding environment by radiation. At maximum power, 
conduction losses through the copper bus bars have been 
measured to be approximately 3% or less. 

The applied heat flux q delivered by the heating element 
was calculated by dividing the electrical power dissipated by 
the active area of the heater film (10.3 cm2). This heat flux 
represents the cooling capacity of the modules; the measure- 
ment uncertainty at a 2 u  level is less than lo%, accounting 
for uncertainty in electrical power and heater area. The flux 
on the liquid side of the faceplate decreases near the edges 
of the heated region owing to fin conduction in the faceplate; 
separate finite-element analyses (Dahbura and Younis, 1997) 
show that the liquid-side flux in the central 50% of the heated 
region is equal to that applied by the heater. On the outside 
edges of the heated region, the liquid-side flux is some 50% 
lower. 

Heating data and thermal resistance 
Temperature measurements were made over the heater 

film using 4 to 6 type K thermocouples cemented onto its 
surface. The heater surface temperature measurements were 
averaged and used to compute the average total temperature 
difference AT between the heater surface and the average 
bulk temperature of the water. Figure 7 shows the heat flux 
as a function of the average temperature difference between 
the liquid and heater surface for APS Data Sets A through 
G. The slope of these curves is the total thermal resistance 
from the heater surface to the flowing liquid. The vertical 
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Figure 7. Average temperature difference between the 
bulk liquid and the APS heater film’s upper 
surface. 
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Table 4. Thermal Resistances for Various APS 
Heater/Faceplate Configurations at AT = 300°C 

I 
E 
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Heat flux, q (MW/m*) 

Figure 8. Average temperature difference between the 
bulk liquid and the heater film’s upper surface 
for Data Set F. 

error bars as in Figure 8 represent highest and lowest mea- 
sured temperatures on the surface of an A P S  heater film. 
Figure 9 shows q vs. AT for nickel-chromium heaters pro- 
duced by VPS or HVOF on alumina insulators produced by 
HVOF. These heaters, having better material properties, sur- 
vived to higher fluxes than the A P S  heaters, and did so at 
lower temperatures. Fluxes of up to 17 MW/m2 were reached 
before heater failure. (This highest flux approaches the yield 
limit of the faceplate involved.) 

The graphs generally illustrate that the heat flux was lin- 
early dependent upon the temperature difference, although 
some increase in the slope may occur due to the decreasing 
thermal conductivity of the ceramic layer with increasing 
temperature. This behavior is consistent with purely convec- 
tive heat removal from the faceplate. Because most of the 
thermal resistance in the system results from the heater and 
insulator films. these graphs would not be expected to reveal 
nonlinearity in the q - AT curve such as might follow the 
onset of boiling. However, measurements of the liquid-side 
temperature of the faceplate using thermocouples implanted 
in the faceplate show that the liquid-side temperature is be- 
low the saturation temperature at the largest flux obtained. 
These thermocouple measurements also provide an experi- 
mental value for the mean heat-transfer coefficient at our 
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Figure 9. Difference between average surface tempera- 
ture and coolant bulk temperature as a func- 
tion of heat flux for HVOWPS heater films. 

A 147 f 24 8.57 133 f 24 
B 76+21 8.57 62+21 
C 59f15 8.57 45 f 15 
D 7 7 f 3  27.6 4 4 f 3  
E 78 k 21 20.0 53 f 21 
F 80f12 20.0 55f12 
G 78111 20.0 53 f 11 

operating condition of 2.1 X lo5 W/mZ.K&20% (at a 20 
level). Ongoing work in our lab is aimed at refining these 
measurements. 

The thermal resistance of the APS films is shown in Table 
4. Thermal resistances were calculated on a one-dimensional 
basis and represent conditions within the central portion of 
the heated region The thermal resistance of the films was 
separated from the total resistance by subtracting the ther- 
mal resistance of the boundary layer and the faceplate 

As calculated, the film resistance includes the conduction 
and interfacial resistances associated with the heater and ce- 
ramic layers. Due to the large convective heat-transfer coeffi- 
cient, the uncertainty in the boundary layer thermal resis- 
tance has only a minor impact on the value calculated for the 
thermal resistance of the films. 

For all experiments reported, the heating elements frac- 
tured at fluxes slightly beyond the highest values reported. 
Fracture resulted from stresses in the heater films that caused 
the heater film to crack and delaminate from the faceplate. 
Heating element failure was not related to the cooling capa- 
bilities of the module. 

Numerical Procedure for Flow Analysis 
The flow and temperatures were simulated numerically and 

the average temperatures on the heater surface were com- 
pared with measured temperatures. The renormalization 
group (RNG) k - E turbulence model was used in this study. 

The cooling module contains 3-D turbulent flow (the 
Reynolds number at the exit of the nozzle is 128,600 based 
on a bulk temperature of 20°C) with high heat flux on the 
faceplate rear. In these calculations, an assumption of 2-D 
flow is made because of the approximate axisymmetry of the 
central jets in the cooling module. This assumption was found 
to be valid by comparison to a 3-D simulation for one of the 
cases. 

Incompressible, steady-state, turbulent flows can be ex- 
pressed in a canonical form (Patankar, 1980). Elliptic differ- 
ential equations govern the axisymmetric flow in the cooling 
module. 

r ar \ ‘  -en 
-)=Sm d r  ( 6 )  
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Table 5. Expressions for the Independent Variables in Eq. 6 

Variable cp Source term, S, I‘, fF 

Lontmuity 1 0 0 

Axial momentum 

Radial momentum 

Energy h P PI - + -  
Pr ul 

Prif 

Perf 

F, 1 

P/ - Turbulent Kinetic Energy (RNG) k pis? - P E  

- PI C,’ Pis2 - C 2  p i  -R  Dissipation rate of turbulence energy (RNG) 

where 

peff = C, p -, S 2  = 2S,,S,, (the modulus of the rate of strain tensor) 

E 
ue k 

k 2  
E 

0.0845q3(1- rp‘q,,) 6’ P R =  p -, 7 = ( S ~ ) / E ,  q0 = 4.38, Pr = C - 
1 + 0 . 0 1 2 ~ ~  k P k  

F,, = viscous heating term; h = total specific enthalpy 

Constants C, = 1.42, C ,  = 1.68, C, = 0.09, uk = 1.0, g6 = 1.3 

where x is the coordinate in the main flow direction, r is the 
radial coordinate, p is the fluid density, and u and v are 
velocity components in the x-  and r-directions, respectively. 
S, is the source term and re,, is the effective viscosity or 
diffusivity for the different variables Q as given in Table 5. 
The standard procedure for converting this equation into a 
finite difference equation is to integrate it over a control vol- 
ume and evaluate the respective fluid properties at the con- 
trol volume boundaries. 

In this study, the RNG k - E turbulence model (Yakhot 
and Orszag, 1986) is used. The RNG-based k - E turbulence 
model follows the two-equation turbulence modeling frame- 
work and uses dynamic scaling and invariance together with 
iterated perturbation methods. A study performed by Orszag 
et al. (1993) indicates that the RNG k - E turbulence model 
is more accurate than the standard k - E turbulence model, 
particularly for recirculating flows (Freitas, 1995). 

The numerical techniques described thus far are available 
from several commercial computational fluid dynamics soft- 
ware packages (e.g., Fluent, 1997). The effective viscosity is 
defined by the relation 

where P is the molecular viscosity and pLt is the turbulent 
viscosity deduced by employing a turbulence model. 

In the near-wall region of the thin boundary layer that is 
generated due to impinging jets, non-equilibrium wall func- 
tions are used to improve the quality of prediction. The non- 
equilibrium wall functions include pressure gradient effects 
in Launder and Spalding’s (1974) log-law for mean velocity, 
and adoption of the two-layer-based concept that computes 
turbulent kinetic energy in the wall-neighboring cells. The 
log-law for mean velocity sensitized to pressure gradients is 
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where 

K is von Karman’s constant, y is the distance from the wall, 
T,+ is the shear stress at the wall, y ,  is the physical viscous 
sublayer thickness, and is computed from 

(10) 

where y,” = 11.225. The following formulations for turbulence 
quantities are made: 

k,  Y > Y ,  

2 vk 
Y <Y” 

E =  1, 

(11) 

(13) 1.. Y > Y” 

where C, = kCi3i4 and y ,  is the dimensional thickness of the 
viscous sublayer defined in Eq. 10. 
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Numerical Results for Flow and Heat Transfer 

The simulation is axisymmetric, and the secondary stagna- 
tion zone at the outside of the flow domain is modeled as a 
circle of 5 mm (0.197 in.) radius having a symmetry boundary 
condition (zero gradients). The detailed model geometry can 
be found in Lienhard et al. (1997, Sect. C). The computa- 
tional grid is 225 X 40 (axial and radial-directions, respec- 
tively) for the flow domain. The grid is uniform for grid lines 
covering the inlet nozzle. Outside this uniform region the grid 
is stretched with a factor 1.1 in the radial direction. The size 
of the near wall grids has been chosen such that y,” is close 
to 11.3. The solution’s dependency on the grid has been tested 
with successively finer grid size until the solution became grid 
independent. The heat flux, q, is applied to the dry side of 
the faceplate (made of either alloy C15715 or TZM). The 
nozzle outlet to faceplate separation was varied from 1.79 jet 
diameters to 7 jet diameters behind the faceplate. The flow 
velocity at the nozzle outlet was varied, as was the heat flux 
applied to the outer surface of the DS copper (C15715) plate 
or molybdenum alloy (TZM) plate. A 2-mm (0.079-in.) thick 
plate was used for all the simulations. 

The nozzle is made of steel with a thickness of 1.785 mm 
(0.0703 in.) Water was used as a jet fluid and thermal con- 
ductivities of conducting materials were input as a function 
of temperature up to 725°C. 

Figure 10 shows the radial pressure distribution on the liq- 
uid-side of the copper plate, the faceplate rear, at jet inlet 
velocities of 20, 30 and 46.47 m/s. The pressure results are 
very consistent with our expectations. The highest-pressure 
region in all three cases was at the stagnation points, with the 
pressure dropping to a minimum at r/d = 1.2 between the 
primary and secondary stagnation zones. When the nozzle- 
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Figure 10. Calculated variation of pressure vs. radial 
distance from stagnation point for three ve- 
locities at zld = 1.79, and q = 7.025 MW/m2. 

to-target separation is reduced, the minimum pressure is re- 
duced. At the secondary stagnation zone, the pressure rises 
slightly again due to conservation of momentum. 

A primary concern for jet array impingement cooling at 
these high fluxes is the possibility of boiling in the low-pres- 
sure regions between the primary and the secondary stagna- 
tion zones. Even though boiling tends to increase the convec- 
tive heat transfer locally, it interferes with the flow down- 
stream of the jet and can eventually lead to burnout. If the 
pressure is predicted to be lower than saturation, a back 
pressure is applied in the experiments to raise pressure above 
the saturation value to suppress boiling. In Figure 10, a back 
pressure of 551 Wa has been assumed; the minimum pres- 
sure is above saturation and no boiling is expected. 

Figure 11 shows the radial component of liquid velocity as 
a function of radius for three different nozzle inlet velocities. 
As shown, the radial velocities are zero at the stagnation point 
and accelerate in the mid-radial locations where the static 
pressures shown in Figure 10 are minimum. 

Figure 12 shows axial velocity contours downstream of the 
nozzle. As shown in Figure 12, the axial velocity is zero when 
the liquid reaches the stagnation point. At the secondary 
stagnation region, the flow exits along the symmetry line 
showing negative values. 

Figure 13 shows the static pressure distribution. The static 
pressure depicted in Figure 13 shows higher pressure in the 
stagnation points which can be explained by the approximate 
conservation of the total pressure. 

Figure 14 shows results of variations of the nozzle-to-diam- 
eter (z/d) ratio on Nusselt number using two different 
Reynolds numbers 128,600 and 82,900, and a heat flux of 7.025 
MW/m2 (Re = ujd/v for v = m2(s). These results are 
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Figure 1 1. Radial liquid velocity outside boundary layer 
vs. radial distance for three velocities at z ld  
= 1.79 and q = 7.025 MW/m2. 
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Figure 12. Calculated axial velocity contours at u =  
46.47 mls, zld = 1.79, and q = 7.025 MW/mZ. 

compared with those of Sun et al. (1993). As shown in Figure 
14, the maximum heat transfer occurs at z/d=6 for the 
Reynolds number of 128,600 (46.47 m/s velocity) and 82,900 
(30 m/s velocity). For lower Reynolds numbers and heat flux 
data in the literature (Sun et al., 19931, the maximum heat 
transfer occurs at z/d = 5. 

Table 6 shows the comparison of measured and calculated 
temperatures at a 46.47 m/s velocity. The local heat-transfer 
coefficients on the liquid side of the faceplate were calcu- 
lated using the RNG turbulence model. As shown in the table, 
the average heat-transfer coefficients are approximately 
210,000 MW/m2.K. The film thermal resistance used in the 
calculations has been estimated at each temperature from the 
measurements described above. The measured average 
heater-surface temperatures are compared with the calcula- 
tions and agree to within 5%. As was previously noted, the 
local temperatures in the heater films may vary by more than 
5%, particularly if the heater film is too thin. 

Conclusions 
A liquid jet array cooling module has been developed and 

tested at heat fluxes of up to 17 MW/m2. Module perfor- 
mance was limited only by the failure of the heating ele- 
ments. Boiling is expected only for fluxes well above 20 
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Figure 13. Calculated static pressure contours at u = 
46.47 mls, zld = 1.79, and q =7.025 MWIm'. 
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Figure 14. Variation of the stagnation Nusselt number 
as a function of nozzle-to-plate distance. 

MW/m2. Yielding of the faceplate is expected for fluxes of 17 
to 23 MW/m2 depending on the plate thickness. 

Numerical calculations were performed to find the de- 
tailed flow characteristics and temperatures. Measured face- 
plate front temperatures agreed well with calculated ones. 
The heat transfer in the cooling module is dominated by 
thermal resistances to the insulating film between the test 
heater and the faceplate. The heat-transfer coefficients are 
calculated using the RNG turbulence model. The averaged 
heat-transfer coefficients using the RNG k - E model are 
210,000 MW/m2.K at a Reynolds number of 128,600. 
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Table 6. Comparison of Data (Set A in Table 4) to Calcu- 
lated Heater Surface Temperatures and Heat-Transfer Coef- 

ficients from the Renormalization-Group Model (FWG) 

Meas. Calc. Calc. Heat 
Heat Flux R,, Temp. Temp. Transf. Coeff. 

(MW/mL) (mL*K/MW) PC) PC) (W/m'KK) 
3.153 44.39 277 266 210,963 
3.787 44.64 327 317 210,966 
4.329 45.35 372 358 210,962 
5.281 44.98 440 426 210,962 

212,414 5.861 46.47 500 475 
6.082 45.46 511 491 210,960 
7.025 44.92 581 558 216,393 
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